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1 Executive summary

This document provides a designd traction drve contact analysis and simulation of the

first RADIALcvprototype as well as some initial test resulfhe simulation results are
discussed and improvements to the current design recommended. It presents a high
mechanical efficiency and eliminates theeusf a hydraulic control systenthe RADALcvt

has a number of fundamentaldvantages that sets it apart fromll other developmental

YR O2YYSNDAFE /+£¢Qa YR INB ftA&AGSR 0St2sY

U One friction interface:Only one friction drive interface in series in a paaiower
LI 6K 1 ff 208KSNJ/ +2¢Qa> RS@OSt2LISyialt |yR
in series thus resulting in a compound frictilmss. Thus if the friction contacts have
the same efficiency then the RADIALcvt will have 50% of the frictioa brsses of
20 KSNJ / +¢ Qdand5foSdetaild. SOG A 2y
U Line contact:The friction drive contact in the RADIALcvt friction drive can be a line
contact, which is only possible in belt/chain CVT eode ring CVT and not possible
Ay G2NRARIE | yR LI ckrgd8aeshé rhakimum/canthd@sirass. [ Ay S C
U Constant input radiusThe RADIALcvt has a constant friction drive input radius. All
other CVT have a variable input radius which resultsigh surface rolling speeds
and lower coefficient of friction which require higher clamping forces. See settion
U Six parallel power pathsThe RADIALcvt has at least 6 parallel power paths. Such a
large number of parallelgaK & A& 2yfteé& LlRaaAioftS Ay LI I ySi
U Large output friction disk:The output friction drive disk of the RADIALcvt can be
positioned concentric and close to the engine flywheel and can approximate
flywheel size. Thus the diameter of this output frictidrivecan bemuch larger than
any of the belt/chain or toroidal or cone ring CVT output friction drive components.
Due to this fact the RADIALcvt provides its highest efficiency in low ratios associated
with city driving. See sectichand 5 for details.
U High power efficiency:Above results in a RADIALcvt with a friction drive contact
power efficiency in all ratios, under maximum engine torque, of about 95% in high
ratio to about 98% in low ratio including in ysethout a 2speed AMT, with a ratio

range up to 4.7, or with ratio range up to 10 and beyond wZthspeed AMT
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integration. A ratio range of 10 is currently the maximum in the indusiise section
4 and 5 for details.

U No hydraulic control:As shown in sectiod and 5, the RADIALcvt can be realised
without any hydraulic control. All current developmental and commercial CVT
require a hydraulic control system.

U Clamping force utilizationin the RADIALcvt configuran, a unit of clamping force
supports twoparallelfriction drive interfaces, while in all other developmental and
O2YYSNDALFE [/ +x¢Qa 2yfteée 2yS FTNAOIAZ2ZY RNR QD!
clamping forces should thus be 50% lower in the RADIAL®/se880n5 for details.

U Clamping force locationiThe RADIALcvt clamping force, bearing losses are only
associated with the RADIALcvt output, namely the Convex and Concave disks, while
the RADIALcvt input, the radial driveese in equilibrium as mentioned in section
4.3.5 Thus these bearing losses, for a given clamping force, are only a function of the
RADIALcvt output speed. This has the obvious low loss advantages in low output
speedratios. 02 Yy iGN} &ad Ay Fff 20KSNJ/ +x¢Qasx (GKS O
the input and output speeds of the respective CVT, thus for a given clamping force
the applicable speed for bearing loss calculation would be the average of the input
and output speed.

U Low bearing lossedisk bearindclamping)osses which are a welknown source of
traction drive loses (Loewenthal & Zaretsky, 19853 a maximum of 2.5%n high

ratio to about 1.5% in low ratiof transmitted power. Se section6 for details.

Since the RADIALcvt use existing very well developed traction/ friction drive technology,
any potential licensee of our technology can very easily evaluate and verify the
advantages of the RADIALcvteTddvantages of the RADIALcvt is realised by its unique

patented configuration of components.

Prototype testing: The first loaded tests were performed on 3 October 2017 and the
results are presented in sectid These tests abthat all theradial drivers run at the

same diameter and that the ratio shifting mechanism operates successfully.

On 30 January 2018 a second round of tests were performed and the results are

presented in sectio®. Modifications done to the prototype include the implementation
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of a dry sump oil system as well as the replacement of the clamping force Deep groove
ball bearings with Thrust ball bearings. A substantial increase in mechanical efficiency
resulted, with results kraking the 90% barrier. The efficiency results together with

published results of a commercial C&1d the Dana Variglidare shown below.

RADIALcvt ratio vs efficiency -
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Transmission efficiency %
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= 1500rpm @ max torque 50-70 N.m
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Figure 11. Comparison of Over All Transmission Efficiency.

Source(Mcindoe G. V., 2016)

Of importance is the higher RADIALcvt efficiencyvels as the flat efficiency profile of

the ratio range. In this respect the RADIALcvt current results are superior to that of
O2YYSNOAFE [/ +£¢Qad ¢KA&A Aa OSNEB SyO02dzN} 3Ay 3
current RADIALcvt results are that of stfiprototype (development started in beginning

2017) while both the current production CVT and Dana Variglide have been in

development for many years.
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¢ KS w! 5L ! [ Oéficiendyalso 2aNijadeS welbwith published result for wet
and dry DCT as pgented below and emphasises the RADIALcvt benefits in partial

load/city cycledriving.See sectio® for details.

RADIALGvt Input torque vs Efficiency for input of 3000 rpm
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FIGURE 5.29 Comparison of wet and dry DCT efficiencies. SOURCE: Baillie et al. (2014).
The current RADIALcvt test result also correlates well with the Matlab simulated results.

As the simulatiomesults of sectiont indicate as well as the fundamental advantages of
the RADIALcvt, there is a lot of potential efficiency improvement still to be unlocked in
the RADIALcvt configuratioNone of the current RADIALcviagameters are fully

optimized.

E? transmission configurationSecton 10 presents a concept design for a 225 N.m input

E? transmission with a ratio range of 10, also featuring a hard geared low ratio and
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reverse as well as a loading cam systdime E transmission does not neea variator

ratio change Wwenshifting form is First mode of operation to its Second.

Electric vehicle and Industrial geared motor configuratio®ection 11 presents a
RADIALcvt concept design for electric vehicles and industrial geared apptications.
This design eliminates the front disk drive passing on the outside of the disks, by

introducing a configuration in which this drive passes through the centre of the disks.

Published efficiencies and comparisonSection12 include some published efficiencies
2F SEAAGAY3T /+x¢Qa a 6Stf a &2YSsidBeyLd NRA &

automotive industry.

Published PCTthe RADIALcvt PCT patent application with search report was published

and can be dowloaded from:

https://worldwide.espacenet.com/publicationDetails/originalDocument?CC=WO&NR=2
017143363A1&KC=A1&FT=D&ND=3&date=20170824&DB=EPODOC&Ilocale=en_EP

The search report confirmed the novel configuration of the RADIALcvt and all 12 claims

were granted without modification.
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https://worldwide.espacenet.com/publicationDetails/originalDocument?CC=WO&NR=2017143363A1&KC=A1&FT=D&ND=3&date=20170824&DB=EPODOC&locale=en_EP%20
https://worldwide.espacenet.com/publicationDetails/originalDocument?CC=WO&NR=2017143363A1&KC=A1&FT=D&ND=3&date=20170824&DB=EPODOC&locale=en_EP%20

2 RADIALcvt specifications

The RADIALcvt presented in this document fioms according to the PCT patent
application numberW02017/143363(Naude, 2017) The current prototype has the

following specifications

U Input torque

U Maximum input rpm
U Disk diameter

U Width

U Height

70 N.m(extended to 225 N.m with AMT integration)
4400

292 mm

262mm

340 mm

Figure 1 presents a 3D CAD design of the RADIALcvt prototype. Note that in this design the

combining planetary system isitegrated in the rear of the rear convex disk, while in

W02017/143363(Naude, 2017)it is positioned to one side.

Front
concave
disk

Combining
planetary
system

Figure 1. 3D CAD design of the RADIALcvt prototype
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This design used the same variator configuration as in W0O2017/1488&88de, 2017)hat

is with 3 radial drivers, making contact and driving the two disks in opposite directions in a
traction fluid. Thus 6 traction drive contact points are created, representing the 6 parallel
power paths, each parallel path containing only one frictdrive interface in series. Two
sets of ramps are employed, on either side of the variatmmfiguration, engagingpllers on
either side of the outer Radial shaft bearing, to position the variator in an axial position
when ratio shifting is performed, véreas in W0O2017/143368Naude, 2017a single ramp

with roller on both sides were employed.
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3 Traction drive simulation

This section presents the simulation of the traction drive interface of a radial driver clamped
between the convex and concave disk. This simulation is based on the design methodology
as presented ifflLoewenthal & Zaretsky, 1985)his work is based on regression analysis of

a large number of experimental results using Santotraaid TDF 88 as traction fluid. This
methodology was also recently used, among others(lbghao, 2013and (Carter, Pohl,
Raney, & Sadler, 2004)

3.1 Geometry angles

Figure 2 presents thgeometry of adriver clamped between disks in the y plane. The y
direction is defined as the direction away from the coincident axes of rotation of body B
(convex disk) and body C (concave disk). The notation used is the same as used in
(Loewanthal & Zaretsky, 198%age 26 and 27.

Axis of rotation of

body A
Body B ' 7 Body C
(convex disk) % (concave disk)
y-direction
w Oc
Body A " — E
rA,y IJ

e

Axis of E% '

rotation of r é
., : rc

bodyB andC| Y} ’ By d /]

Rg=R¢

/

Figure 2 Geometry in the y-plane

%@II | ||||:IH|I |
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Considering body A and B, the angis defired as the angle between theis of rotation of

body A and B and is @0Similarly for bodies A and C is also®@Considering body A and B,

the angle is defined as the angle between the rotation axis of body A and the line/plane
tangent to he contact point. grefers to the interface between body A and B anglrefers

to the interface between body A and C. In the current RADIALcvt design the convex disk and

concave disk have the same disk angle of.6.5

Figure 3 below presents Figure 25 ofLoewenthal & Zaretsky, 198%)s it is used to
determine for different traction drive configurations. From Figure 3 it is concluded that for
the body A and B interface (most left configuration in 8iérow) g=6.5 and for body A
and C interface (most left configuration in th8 kbw) =6.5". Note that inFigure3 body A

rotates around the horizontal axis

y - -a5° -0 y-0° v = 450

_ i +0
,27 . \9;%“4{\\.%* %@

-45°

“1
) { e }" -8
%ﬁ 8- -90° 7 :!l 3 D

f / \
J LI 45°
¥ =9 y =135° y = 180°
‘——L—-'! + -
7 _% 3\ -y -(\ 459
IR ) A 2

N SR e
“é‘ _,281 et j

Figure 25.-—Representative spin-producing geometries.

Figure 3 Body A and B configuration (Loewenthal & Zaretsky, 1985)

3.2 Geometry radiusses

Figure4 presents a view of sectionEinFigure2 which also presents the x direction/plane.

The xdirection is defined as thmolling direction.

The following are the relevant radiuses and their values and value ranges of the

current RADIALcvt prototype:
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Body A

Ra=31mm Rolling radius of body A
Ra,=31 mm Contact radius of body A in the x direction
Ray=45 mm Contact radiusdrown) of body A in the y direction. This

contact is also modelled as line contact in which case it
has infinite value.
Rayine=2.35mm In the case where & is modelled as a line contact, this

value refers tahe length of the line contact.

11l

S
AL

SECTION E-E

Figure 4 Geometry in the x-plane

Body B
Rs=30- 143mm Variable rolling radius of body B
Rs x Cotact radius of body B in the-direction which is a

function of R. Rsxis calculated by a Matlab function
calculating the projected circle ated by R projected

on a plane tilted at an angle equal to the disk angle.
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Rs y=infinity

Bady C
R=30-143mm

Rex

Re y=infinity

Contact radius of body B in the y direction. This contact

is a line contact, thus the infinite value.

Variable rolling radius of body C

Gontact radius of body C in the x direction which is a
function of R. Note that R = -Rsx because of the
negative radius. (Convex vs Concave)

Contact radius of body C in the y direction. This contact

is a line contact, thus the infinite wad.

During simulation Rand R are varied, which caused:Rand R «xto vary while all the other

above angles and radiuses are kept constant.

3.3 Operating parameters

The current RADIALcvt is intended as a hydraulic free CVT for small passenger vehicles,
typically around 70 N.m, 40 kW torque and power. In these vehicles there is no need to

operate the engine above 4400 rpm as at this point maximum power is achieved while

maximum torque $ achieved at lower rpm. Thus@Blrpm is taken as the input speed and

also the speed of the drivers (body A). The normal load, Q, in the traction contact is taken as

6800 N. The surface rolling spead the xdirection, U, is calculated asU=4400

rpm*pi*2*R/60=14.3 m/sNote that since the radius;R31mm of body A does nothange,

| Aa Ftaz |

O2yaidlyidsr 6KAOK A& y20 (KS
RSOSt2LIYSYyd AyOfdzZRAY3IAZ [/ 2yS NAy3IZ ¢2NRARI

for the RADIALcvt is a huge advantapecause adJ increasesthe maximun traction

coefficientdecreases as reported lfizoewenthal & Rohn, 1988pure 11 duplicated below

asFigure5 as well as byNewall, 2002yhen their Table 2 and 3 acompared

The low maximum surface velocity, U=14.3 m/s, of the RADIALcvt prototype will thus

contribute to a higher maximum traction coefficiertigure5 also indicates that maximum

contact pressures above about 2 GPa do notaase the maximum traction coefficient. The

lubricant inlet temperature is set .= 50°C.
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Figure 11, - Effect of surface velocity on maximum traction
coefficient. Predicted from Santotrac 50 correlation.
Temperature, 80° ¢; ellipticity ratio, 5; zero spin.

Figure 5 Surface velocity vs maximum traction coefficient (Loewenthal & Zaretsky, 1985)

3.4 Matlab simulation ste ps

The below section describes the sequence of calculations performed in the Matlab contact

simulation.

1. Calculate equivalent radii

i i i
;ﬁw - 4 r..

x  TAx e (Loewenthal & Zaretsky, 1988juation 3
0 1
i medzaa G (Loewenthal & Zaretsky, 1988jjuation10

Inverse curvature surfLoewenthal & Zaretsky, 1988jjuation 17

(L8, LH)

i 2 Eqn Eg Auxiliary contact size paramet@roewenthal & Zaretsky, 1985)
equation 16

Where Ex= 55=207 GPaepresenting themodulus of elasticityf steel andva=\=0.3

representing the pison ratio for steel.

Hliptic ratio (Loewenthal & Zaretsky, 1988&juation 9
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Figure 11 inLoewenthal & Zaretsky, 198%j)as digitised and used as a lookiqy

dimensionless contact ellipse factasand b using k.

The contact elliptic radare calculated as:
— Hye ; = * F
a=a’'g; 0 b*e Hliptic ratio (Loewenthal & Zaretsky, 1988juation14

3. Maximum contact stress

The maximum contact stressadalculated as:

39

(}O = e
2mab Maximum contact stresf_oewenthal & Zaretsky, 1988juation14

As a comparison, thenaximum contact stress o, b and k arealso calculated for

Hertz cylindercylinder contact where Rjine=2a, while b and ¢ is calculated via the

Hertz formulaand k from k=a/b

4. Calculate spinmaximum traction coefficient and initial traction slope
Spirk g is the result ofh mismatch in roller radii at contact points on either side of
the point of pure rolling and is calculated by:

_sinf sin(y—6)

ws
U R4 Rp

(Loewenthal & Zaretsky, 1988yuation 36

Nondimensional spin is calculated as:

wsNab/U (Loewenthal & Zaretsky, 198page 35

Use the regression results to calculdite maximum available traction coefficient,
andthe initial slope of the traction curven.
w=Cy+ Caog+ Cyof+ CaU+ CsU2 + CeT + Crk

+Cy Ws¥ ab _
U (Loewenthal & Zaretsky, 1988&yuation 52

m=Cj+ Cyop+ C3 In 0g+ CyU+ CsU2+ CgT+ Crk
Where the coefficients are presented in below table:
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TABLE II1.—CORRELATION COEFFICIENTS FOR
SANTOTRAC-50 AND TDF-88

Coefficient | Santotrac-50 | TDF-88 Santotrac-50 TDF-88
Initial slope, m Maximum traction coefficient, u
C, 101.4 51.3 0.0726 0.0733
G, 4549 | -6.53 0477 0443
G, 69.44 17.20 ~.0102 ~.0116
C, ~.289 —.646 ~6.92x107% | ~7.36x10"*
Cs 1.30x1073 | 4.99x 1073 2.47x10°6 2.38x 1076
Ce 6.63x 1072 236 ~2.13x10"% | —9.08x10°°
C, -2.99 ~1.24 ~3.41x10°% | ~1.88x10"?
G | —————— | ——— ~1.22 - 443

Figure 6 Regression coefficients (Loewenthal & Zaretsky, 1985) page 35

Slope correction on m is performed by:

R\ 0.67
— = ] +7.66 % 10~ 3moge 0217k

Ry
0.67] 1
X [l - A (2mf> ]
* (Loewenthal & Zaretsky, 198&yuation 53

Where A = 1.43 ~0.383/k + 0.0995/k2 and Rx=22.57mm for Sawtrac 50 and
12.5mm for TDBS8.

The dimensionless spin parameterid calculated as:

Ja= C?JS_"IE
3 U (Loewenthal & Zaretsky, 1988yuaion 39
3 m
C= 2 \k
Where 8 u (Loewenthal & Zaretsky, 1988)uation44

5. Slip/creep calculations
Slipor creepAd GKS RAFTFSNBYGALFf @St @difedieny n! =
arising from the shear forces generatedtiveen body A and B across the lubricant
film. If no slip exists, there is no traction atite coefficient of friction in the x
directonpd n® LG A& GKSNBF2NB AYLRZNIFyd G2 38
andpx b & p ! Ay O Npdlsd iBcieasess stnfiximum valueThe graph
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RSGFAT AY 3 yis used fordiSsNalirpage amd referred to as the traction
curve.In order to generate the traction curvincremental@t t dzSa F2NJ p! k! 7
0.07 (0% to 7%} generated and the following is germed for each increment to

calculate the respectiveyvalue as well as traction in thedjrection, p value:

Dimensionless; parameter is calculated as:

AU
'}'1 EE .

U (Loewenthal & Zaretsky, 198&juation37
Figure 27 in (Loewenthal & Zaretsky, 198%)as digitised and used as a
lookup for dimensionless traction in the-direction parameter Jby using

above Jand previously calculated dnd k values.

Mxis now calculated from:

H (Loewenthal & Zaretsky, 1988yuation40
Spin also generates a side traction force and this need to be calculated.

Figure 30in (Loewenthal & Zaretsky, 198%as digitised and used as a
lookup for dimensionless side traction in thedyrection parameter s]by

using aboveiJand previously calculated value.

Kyis now calculated from:

Js=E2
[ (Loewenthal & Zaretsky, 1988)uation41

By repeating above f@ F OK p! k! AYONBYSyild GKS GNI OGA 2

6. Selecting operating
Usually px seleded for operating conditions isa percentage of the maximum
availableux value in the traction curve. For the purposes of this simulation the
operatingpx is %t to 90% ofthe value ofux at 5%slip on the traction cure and the

correspondingslvalue is calculated as:
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- (Loewenthal & Zaretsky, 1988juation 40

Wherelx NOW represents the value qfx under operaing conditions at % slip level.

7. Power calculations
Transmitted power and torque

The transmitted power Pt is calculated as:

P=uxQU (Loewenthal & Zaretsky, 198pxge 3
Thetransmitted input torque is calculated as:

Ti=60RK O iRput rpm)

Powertraction contact loss
Figure 31in (Loewenthal & Zaretsky, 198&ps digitised and used as a lookiop the

power loss factor LF by using thbove calculated values faf, & and k.

Power loss
The ratio oi(l’awer imﬁ)for the contact loss can now be calculated from

LF—ﬁ —C( Power loss >

Js Power input (Loewenthal & Zaretsky, 1988yuation 45

The traction contact power loss is calculated as:

Power loss

PC:( Power input ) P

Roling traction power loss
By estimating the central EHD film thickness, the power loss due to rolling of the
traction contact can be determined.

The material elastic parameter is calculated as:

2

2 2
( -84  1- 53)
Ey Ep (Loewenthal & Zaretsky 985)equation6

The dimensionless EHD speed parameter is calculated as:
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ol

Un=E'R,

(Loewenthal & Zaretsky, 1988juation4
Where' o =0.0194representsthe absolute viscosity othe traction fluid (Santotrac

50)at ambientpressure

The dimensionless EHD load parameter is calculated as:

we @

= = |
E'Rg (Loewenthal & Zaretsky, 1988Quation7

The dimensionless EHD materials parameter is calculated as:

(Loewenthal & Zaatsky, 1985kquation8

Whereh , =2.6x10° Pa' represents thepressureviscosity coefficienof the traction

fluid (Santotrac 5Q)

The dmensionless central EHD film thicknéssalculated as:

_ 5 £0 170:670.53 71— 0.067(1 _ 0 61e—0.73k
H =269 UY GO w=0%(1-0.61¢ )(LoewenthaI&Zaretsky, 1988&Yuation12

The central EB film thicknes$ is calculated from

h(,‘
H,.= R.
X (Loewenthal & Zaretsky, 1988&juation2

The rolling traction power loss is calculated as:

P =9x107 hU (Loewenthal & Zaretsky, 1988&jyuation2
Where the length of line contac/=2«

Hysteresis power loss

The tysteresigpowerlossis calculated as:

3 b
Py=FyU= jg¢ & QU

Y5
16" Ry (Loewenthal & Zaretsky, 1988&yuation51 and page 38
Wherethe hysteresis loss factor for steisl =0.01

Total power loss and power efficiency

The total power loss is calculated as:

Ploss Pct P+ P,
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The percentage power efficiency is calculated as:

Pefleoo(Pt' Hoss)/ P

. Surface finish calculations

The ratio of film thickness to composite roughties < A& asSd G2 =+
RA&GGNBaad ¢KS O02YLIRaAdS NRdAKySaa °~ Aa
< & K (Loewenthal & Zaretsky, 198pge 38
Therefore the actual composite surface roughness should be less than above

calck F i SR ~ o

Assuming equal surfageughness, R, of body A and &, of body Bthe maximum
surface roughness,;, of body A and B is calculated from:

Ry=( 2/2)0'5 (Leimei, 2013¢quation 2
2 K SNB a+ RIS w

Matlab code was generated to calculate above. The Matlab results were compared against
the Performance calculation example in section 3.3Laewenthal & Zaretsky, 198page

35 to 38 to ensure correctness.

The se of the regression analysisvalid forthe parameter ranges iRigure7 below.

sy i 8 4 U ERCOR A S 1.0t0 2.5
g, /S i) (AARRALYRY 1 8CRNA AV NVRRUIEANR) 901 AN ANAJANREA {0 1.0to 100
B COG A R 1 R0 1 30to 100
R o R A 9 AR A 0 1 9 1 0.5t0 8
o507 S E 1L A 0 O 0to 0.04

Figure 7 Regression analysis parameter ranges (Loewenthal & Zaretsky, 1985)
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4 Matlab simula tion results

Matlab results are presented in the form of graphs, each including the relevant results for

both body A and body B(Convex disk) and for body A and body C(Concave disk).

Since all current commercial CVT and developmental CVT include a vanalileadius, a

complex hydraulic control/clamping system is used to vary Q when the input radius varies.

This is required since the tangential contact traction force changes (assuming input torque is
unchanged) as the radius changes. What complicatesrthtter even further is that two

contact friction drivesincluding at least two variable radieeds to be optimised by a single

Of ' YLIAY3I YSOKIFIYyAaY Ay G2NRPARFE [/ x¢Qad LYy o0Sf
each pulley, but need to be synchisad to maintain the current ratio as torque demand

changes. Controlling slip seems to be a dominant control strategy in current commercial and
RSOSt2LIYSyYy Gl [ +¢ Q& dlaws 2005 KaNTogeRinF @/Npefitedt Y LI S
maximum traction coefficient at 2% slip and the control system was developed to maintain

this level of slip. Control can be simplified to account for torque changes by using a loading

cam. The variable surface rolling speed in commercial and devefog (G £ / +¢ Q& I R
another layer of complexity to the control system, since all of them create a very significant
overdrive in high ratio, resulting in component speeds of more than double engine/input

speed, with the resulting increase in rolling sudaspeed and the subsequent drop in

traction coefficient thus requiring a higher clamping force, Q, to maintain current torque
transfer levelsThis also leads to more contact cycles and reduces life of the compoents.

an example typical operating traon coefficients reported byorotrak(Heumann, Briffet, &

Burke, 2003yaried from 0.035t0 0.055. f f OdzNNBy i O2YYSNOALFf | yR

have two friction interfaces in series, resulting in compounded losses.

The RADALcvt haswo very significanfundamentaladvantagesn comparison to above

U Only onefriction contact The RADIALcvt has only one friction drive contact in series

in its parallel power pathand there are therefore no compound losses.

U Constant rollingspeed The maximum surface rolling speed U, is constimbugh

the ratio rangefor a giveninput rpm and is very lovat a maximum ofi4.3m/s. Thus

for engne input from idle to 4400 rpm,) changes from 3.28\/s to 14.3m/s. Figure
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5 indicates that above rolling speed range is on the left hand side and will therefore
not contribute in the reduction of the maximum traction coefficieat is the case in
O2YYSNODAIET I yR

SPSt2LIYSyidrt [/ £¢Qa

4.1 Traction curves , spin and max traction coef ficient

Traction curves for Convex disk, for different values of RB Traction curves for Concave disk, for different values of RC

0.1 0.1}

0.09 0.09

> 0.08 [ > 0.08

g
=}
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005 I/ 0.05 |
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Maximum traction coefficient u
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0.03 H 003 |
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0.01 4/ 0.01 |

0 0.01 0.02 0.03 0.04 0.05 0.06 0.07 0 0.01 0.02 0.03 0.04 0.05 0.06 0.07
DeltaU/U Traction fluid: Santotrac 50 DeltaU/U Traction fluid: Santotrac 50

Figure 8 Traction curves

Figure 8 presents the traction curves for the Conve®s)(disk and Concav&f) disk for
different values of Rand R. It can be seen that on average the maximum traction
coefficient is 0.01 lower in the Concave disk in comparison to the Convex disk. Also small
disk radii result in low maximum tractiacoefficients which exponentially increaseth an
increase in disk radius. Typically increasing the minimum disk radiosI0mm to 40mm

will result in an about 0.013 increase in the maximum traction coefficient.
Evaluating=igure9 and FigurelOthe following can be concluded:

U From the power loss contribution presented figure 10 is can be seen that the
Traction contact power losscis the only major contributor to power losscBB a
function of the loss factor LF which is a functionfiland k. Of these parameters,
J dominates and is directly related to spin vihoewenthal & Zaretsky, 1985)
equation 39and also as reported hy.ichao, 2013)
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Disk radius vs Non dimensional spin w_(ab)'%/u Disk radius vs Maximum traction coefficient u_
s
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Figure 9 Spin and maximum traction coefficient
- Disk radius vs Power efficiency 3 Disk radius vs Power loss % (V=Convex, C=Concave)
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Figure 10 Power efficiency and power losses

U ¢KS a2 dz2ND§is th& resaltok g rhismatch in body A and body B radii at

contact points on either side of the point of pure rolling and is calculated by

wsg_sinf _ sin(y—0)

U Ry " Rg

as presented irsection3.4. Spinis zero when the lingéangent to
the contact point intersectghe intersection of the rotating axesf body A and body
B. Therefore ifspin needs to be reduced at the low disddii then for the convex
disk, gneedto be increased at these radii & needs to be decreased avar Rs

increased.(Assuming close to equak Bnd R then g=45 will result in zerospin)
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Similarly for the concave disk, spin can be reduced by decreasm@ndor

increasing Ror in this casg cbeing negativeneeds to be les negativeor positive

U Howeverthe radial adjustment of body A (to adjust the ratio) is dependent on a disk
angle. If the disk angle is zerogE =0) then the axis of body A needs to be at an
angle other than 99to the axesof body B and C in order tshift ratios. This will
represent the only configuration in which the performance of the two disks is
identical. Performance optimisation will therefore include themparison of the
combined performance of theonvexand concave disk wheng and ¢ are not
equal to the configuration where body B and body C are flat disks while body A axis
is at an anglether than90° to the axis of body B and The current firs prototype

will provide a lot of insights into its shifting characteristics.

U To counter tle effect of the lower maximum traction coefficient at lowdhd R the

profile of the convex disk and concave disk can be modified to have a variable angle
gand or cangle in such a way as to decrease the distance between these disks at

low values of Rand R. The effect will be that the two disks will be forced heat

apart when body A makes contact in this region. Since the clamping force is supplied

by mechanical springs, the springs will be further compressed and the clamping force

will increase accordingly to maintain the current torque level by compensating for

the lower maximum traction coefficienEor example the current prototype sSpgs

are compressed 4mm, thusabove method is applied and for exampi¢he springs

are just compressed an additional 1mm this will result in a 25% increase in the

clamping brce.

U Itis also very important to note that the higly 8hd R values correspond to the low
RADIALcvt ratios at pull away. Thus in city driving the RADIALcvt will operate in its
very high power efficiency rangéypically under lower power loads. Current
commercial CVT have difficulty in obtaining high power efficiency in these

conditions, particularly because of the hydraulic control system.
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U Thus for a very basic RADIALcvt, assuming low maximum contact stresses, typically
below 2 GPathe clamping forcecan be constant and thus created by mechanical
springs. This however will result in over clamping at partial load, but the associated

efficiency loss needs to be compared to the cost of a loading cam.

U When a more powerful RADIALcvt is considered, the daase design is used, and
maximum clamping forcean beincreased to say 2.5 GPa while employing a loading
cam in combination with mechanical springs to optimize clamping vs input torque.

This loading@m can be based on input torque as presented in secti3.5

4.2 Elliptic ratio, maximum contact stress and power efficiency

The elliptic ratio k, a and b plays an important role in both the maximum contact stneks
spin ldeally a high value of b (semi width of contact areah@ x or rolling direction) is
desired with lower values of a (semi width of contact area in thdingction transverse to

the rolling direction) to producéower values of k=a/b. However the larger the area created
by the ellipse with radii a and b thewver the maximum contact stresd.ine contact
between body A and Bs wellas A and C is very effective in reducing the maximum contact
stress. However line contact is only possible throughout the ratio range for constant values
of gand cwhile this linecontact I=2as in the y direction, so care should be taken that it

doesnot havea significant effect on increasing spin losses.

Disk radius vs elliptic ratio k Disk radius vs Maximum contact stress

1.28

Convex disk
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——— Convex disk
Concave disk |

1.26

1.24
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1.22 1

Elliptic ratio k
Maximum contact stress GPa

1.75 -

40 60 80 100 120 140 40 60 80 100 120 140
RB:RC:Disk radius mm  Traction fluid: Santotrac 50 F«’.B:RG:Disk radius mm  Traction fluid: Santotrac 50

Figure 11 Maximum contact stress and elliptic ratio
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Disk radius vs Power efficiency Disk radius vs Input torque
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Figure 12 Power efficiency and Input torque

Evaluating=igurell and Figurel2the following conclusions can be made:

U The convex disk produces higher k and maximum contact stresses while all stresses is
below 2 GPa in theuecrent design.

U Power efficiencys generally very highaverage from about 95% to 98.5%4th the
convex disk typically 1% higher than the concave disk.

U Average torque increase from low values @faRd R from about 11 N.m to 18N.m
while the Convex dislotque is generally about 2 N.m higher.

U Note the total torque of the current RADIALcvt is obtained by multiplying above
average torque by the 6 parallel power paths, thus from abouiNG® to 108 N.m.
and 30 kW to 50 kWFigurel3 presents the input power and torque of the complete
RADIALcvt.

Figurel4 presents the central film thickness and the minimum surface roughnesg R
for above conditions. It can be seen that a surface roughness of about 0.4 umtion b

the radial driver and disks will prevent metal on metal contact.
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110 Disk radius vs Input power and torque for 6 parallel paths
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Figure 13 Input power, torque and power efficiency for the complete RADIALcvt

Disk radius vs Minimum surface roughness and central EHD film thickness
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Figure 14 Minimum surface roughness and EHD film thickness

4.3 Comments on optimization

4.3.1 Increasing maximum disk size

The current RADIALcvt has a disk diameter of 292mm. In the case of a front wheel drive
transmission the standard is that the differential axis is 180mm from the engine/RADIALcvt

input axis.If it is assumed that a 25mm driveshaft has to pass over the disks, the disk

diameter can be increased to 335 and typically theaRd R range can be increased from
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143mm to 165mm. If a ratio range of 4.5, equal to the current equivalent manual
transmission islwosen, the minimum value ofsRnd R will increase from 30mm to 37mm.
Aboe results in a 0.5% increaaethe minimum value of Rand R in power efficiency from
95% to 95.5%.

4.3.2 Varying planetary system e value

FromFigurel2it can be seen that the input torque of the Concave disk is consistently lower
than that of the Convex disk. If left unattended, the Concave disk torque will always
represent the maximum input torque for both the Concave and Convex disk for an equally
balancedplanetary system with e value ef if calculated according t(Shingley & Miscke,
1989)page 553which results in an equal 50% torque contribution of both the Convex and
Concave disk to the Combining planetary systerrigéirel. By changing the e value of the
Combining planetary system the torque cdbtrtion between the Convex anthe Concave
diskcan bechanged tosucha ratioas to compensate for the difference in maximum toque
capability of the two disks Such a norequal ratio will allow each disk to produce its

respective maximum torque for the same clamping fo&hingley & Miscke, 1989)

4.3.3 Integrating a two speed AMT
If a more power full RADIALcvt is considered dritlneeds to compete with the current

maximum ratio range on the market, around 10, then the following can be done:

Disk radius vs Input power and torque for 8 parallel paths Disk radius vs Power efficiency
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Figure 15 Effect of 2 speed AMT inteqgration

U A two speed automated manual transmission can be integrated andvilisequire

the RADIALcvt variator to only produce a ratio range 0f48.16.
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U Taking above maximumgRnd R value of 165 and ignoring the fact that a more
powerful engine will have a bigger flywheel and therefore allow bigger disks, the
operating rang of Rand R is decreased to 165/3.16=52.2 to 166n.

i Above will create space around the input bevel gear and will allow the addition of

another radial drive (body A) resulting in 8 parallel power paths vs the current 6.

Figurel5 presents the results of above with minimum power efficieméyabout 96.66in

high ratio to about 98.7% in low ratio

4.3.4 Increase line contact length

Increasinghe line conact from 2.35mm to 5 mm reducethe maximum contact stresgut
increase a and #@refore also k which leads to an increase in spin and lowering the power
efficiency Increasing the normal loa@ to 15600N, still produces contact stresses below 2
GPa but increasasinimuminput torque and poweto 225 N.m and 100 kW respectively
presented in Figure 16. Above is accomplished with the sacrifice of about 1%5in
minimum power efficiency of which the average is still abové€®5The huge advantage is
the input torque and power is about double the levels beftie line contact increase as

presented inFigurelb.

o Disk radius vs Power efficiency Disk radius vs Input power and torque for 8 parallel paths
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Figure 16 Effect of 2 speed AMT integration and line contact length increase

FromFigurel7 it can be seen thaspin leveldecrease as a result of the AMT integration
(increase in the minimurRsand R values) but again increased with the line contact length

increase to more or less the same levels as th&tigéire9.
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Disk radius vs Non dimensional spin w_(ab)''?/U Disk radius vs Maximum traction coefficient u_
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Figure 17 Line contact increase effect on spin and maximum traction coefficient.

4.3.5 Different angles and a loading cam

Note that line contact are maintained, if differefiked angles of gand care used, while

this differencewill create a variable normal load Q, created by mechanical springs, which
can be used to compensate for the lower rimaMm traction coefficient at lowRs and R
values. This will then also prevent over clamping in high valuBsarid R. Note that all of
above is based on maximum contact stress values of less tHaRa& which is very low

compared to industry standards

In case whereover clampingdue to partial loads occuthe cost penalty to implement a

loading cam need to be considered and compared to the power efficiency gain.

The configuration of the RADIALcvt variator facilitates the implementation of a loading

in the following way. Thetructure,in which the radial drivers are housed, has a reaction
torgue around its axis (coinciding with the axis of the input shaft) which is equal to the input
torque. The reason for this being the fattat each radial drier (body A) is subject to a
tangential traction force in each of the two contacts with the conaeoncave disk. These

forces are substantially equal but in opposite directions, thus cancelling each other.

Thus for the implementation of a loading cam théove structure, housingthe radial
drivers, can be coupled (which may include a torque multiglygear ratio) to a loading cam

operation between one of the disk bearings and the RADIALcvt casing.
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With above in place the combination of different fixedgées of gand together with
mechanical springs and the addition of a loading cam as per above wouldnprever

clamping in all operatig conditions of the RADIALcvt.
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5 Contact simulation s ummary

In general considering the high levels of power edficy which should result in low
operating temperaturesand relative high maximum traction coefficiené relative low

maximum contact stresses (below 2 GPa) the following:

U Other traction fluids should be investigate that under low temperatures and low
contact stresses provide better maximum traction coefficients at higher levels of
spin.(Loewenthal & Zaretsky, 198B)dicatesthat softer traction fluids (lower slope
m) with thicker film thickness are more tolerant of spin.

U Note that all of above is under the assumption that engine torque and power does
y2i ySSR (2 0S tAYAGSR Ay a2Y$S Nrdraza | a&
the RADIALcuvt relies on the fact that it canall ratios handle any maximum torque
the engine can create, thus eliminating any engine power or torque limiting control

system.

5.1 Without AMT integration

Without AMT integration, the spin levels are already high and therefore any contact line
increase will further lower the maximum traction fluidnd power efficiency. The
performance of the contact line in question does not vy much from a crowned surface

in terms of contact stresses, thus in this case varialkjeand ¢ angles can be used to
counter spin and vary clamping force to compensdte lower maximum traction
coefficient Ratio range for the curremgrototype is 4.7 and seems teelelose toa maximum
because of the available spaddinimum power and torque levels are at 30 kW and 66 N.m

respectively.

5.2 With 2 speed AMT or E2 configurati on integration

With AMT integration the ratio range is reduced to 3.16 to provide a CVT with an overall
ratio range of 10, equalling the maximum currently in the indusiipte that the same ratio
range of 10 can be achieved by using tRe@hfigurationas presented in sectiohO. The
reduced ratio range, enables larger minimigand R values which in turn reduce spin,
increase traction coefficient and power efficiency while also allow space for the inclusion of

a fourth radal drive (body A) thus creating 8 parallel power paths.
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If gand care kept fixed, line contact is possible in all ratios and by increasing the line
contact reduces the maximum contact stress. The downside of line contatinsraase in

spin, resulting in lower maximum traction coefficient and lower poeféiciency.

However by increasing the contact line length from 2.3mm to 5mm and increasing the
normal load Q to 1560WN, while still keeping maximum contact stresses below 2,GPa
produces a 225 N.m, 100 CVT with a minimum power efficiency of%®5 The pnalty for

the line contact increase is about 1.26 in power efficiencyNote that line contact is not

LI23daAofS Ay G2NRBARFE 2N LI FySi olff / x¢Qad ¢

Yet another advantage of the RADIALcvt in comparison to/ahad St 0 / +¢ Qad A a (|
the disks in the RADIALcvt adley A F2 NYf & f 21 RSRd LYy OKIFIAy«koSt
makes contact on the one side of the disks creating a force that tends to push the disks

away from each other on only one side. To couritas involves stiffer disks, shaftsxd

bearings to deal with this.

Yet another advantage of the RADIALcvt compared to current commercial and
RSOSt2LIVSyidlf /+¢Qa Aa GKS FIFO4G4 GKIFIG Ay GKS
supports 2 parale L2 6 SNJ LI GKad Ly GKS OFaSunaf G§2NBA
clamping force supportwo friction drive contacts point (input toroid to roller to output

toroid) of a single friction drive path with two friction drive contacts in series. In bdifth

/ +¢Qa F2NJ 0KS AyLdzi Ldzt £ S& | dzyAd 2F Of F YLK
on either side of the belt/chain which represents two parallel power paths, but since an

output pulley is also required the total belt/chain CVT with two prdland tleir respective

clamping forces also result in two friction drive interfaces for each unit of clamping, force

the same as for the toroidal COB @ 6 SOSNJ y2GS GKIFIG Ay o0St ik OKI J
is not applied across bearings, thus they mat suffer the effect of bearing loss due to

clamping forceHowever the camping force creates a belt/chain tension force which tends

to pull the two pulleys towards each other and therefore the bearings being loaded with this

force suffer the relevant laesindirectly caused by the clamping force

In high efficiency traction drives, the losses in the bearings supporting the clamping force
can be a majocontributor to the overalllosses in the CV(Loewenthal & Zaretsky, 1985)

Above provideshe RADIALcvt with a fundameniadivantage with the potential of having
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only 50% of the clamping bearing losses if compared to belt/chain, toroidal, planet ball and
O2yS NAYy3 / +£¢Qad
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6 Bearing loss analysis

6.1 Disk bearings

The disk bearinggresented inFigurel is for use in a RADIALcvt display version Réhspex
casing plates and is not suited for efficiency testing because of their large diameter which
will result in largebearing lossess well as the fact thatleep groove bearings create
relatively large losses when loaded axialisk bearings for use in the RADIALcvt have

serve the following purposes:

1. Bear the clamping force create by the mechanical springs.
2. Stabilize the variator structure relative tbe disks and RADIALcvt casing.

3. Have minimal power losses.

The variator structure is centralised around the output axis via a bush in the front casing and
at the rear via a bearing located in the convex disk. However if not at least one disk is
secured parbel to the variator structure, the two disk might not be parallel and this will
cause a difference in the radius of the three drivers with respect to the input shaftTdmss.

is of particular concern when the RADIALcvt is in the high ratio (radialr dareeat a
minimum radius with respect to the input shaft axihus to secure and stabilize the
convex disk, its bearing location need to be at a relative large radius, as in the current

prototype design, but without the typical losses associated withdadiameter bearings.

Figurel8 presents a design which supports the convex disk at a relative large adushg

three Bearing units mounted with their axis in the radial direction from the input st
Clamping unitThe Clamping unit is mounted in the casing of the RADIALcvt via the mating
of its outer Circular body with a circular cuit in the casing and is axially slidable relative to
the casing. An angled surface (green) on the Bearing units make line contaet mehing

Disk angled surface (green) on the rear of the Convex @ilgk angled surface is stich an
angle that the line contact does not experience any spin and therefore consists of pure
rolling. A Center bearing in the Clamping structure, mating wi@enter bossn the Convex

disk rear secures the Convedisk concentric to the Clamping structuréhe Clamping
springs actbetweenthe Clamping unit and the RADIALcvt casing to force the Convex disk

via the mating green surface against the radial dsver
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Center unit Clampin
boss circular .p g
springs
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bearing

Convex
disk
Bearing

Disk angled surface in line
unit

contact with angled
surface of Bearing unit

Figure 18 Clamping unit and Convex disk

51103

NU303ECP

Figure 19 Cross section of assembled Convex disk and Clamping unit

Figure18 presents a cross section of the assembled Clampingamdt Convex disk. The
Bearing units consist of a NU303ECP cylindrical roller bearing to handle the radial load, while
a 51103 thrust ball bearing handles the axial load created by the angled green line contact
surface. The size of the Bearing unit andiite tontact radius with the Convex disk is such

that the Bearing unit turns 2.17 times faster than the Convex disk. It is assumed that the
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NU303ECP bearings bear the full clamping force in their radial direction and that the 51103

bear 0.35 (angled surface 19.4) of the clamping force in their axial direction.

The Concavdiskis simply supported via a 51113 thrust ball bearifigure20to Figure22
presents sample calculatisof above bearingfrom the online SKF bearing calcula{@KF,
SKFjor a disk speed of 2000 rpm.

= Selected calculations
Input parameters
A 6.8 kN Frictional moment - power loss
Radial load
n 4340 r/min
Rotational speed of the inner ring
Operating temperature 60 °C Bearing data
Bearing outer ring
Viscosity calculation input type  Viscosity input at 40 °C (VI is 95)
17mm
Viscosity at 40 °C 33 mm?/s ]
- cl [ 1
Result 47 mm,

Designation NU 303 ECP
M, 50 Nmm d 17 mm
Rolling frictional moment D 47 mm

c 28.5 kN
My 6.9 Nmm Co 20.4 kN
Sliding frictional moment Type Cylindrical roller
- - bearing

ictiona ¢
Frictional moment of the seals View bearing details

Marag 0 Nmm
Frictional moment of drag losses

The dray

M 56.9 Nmm
Total frictional moment

N, 26W

Power loss

v 15.4 mm?/s
Lubricant viscosity at operating temperature

Matart 49 Nmm
Starting torque at 20-30°C ambient and zero speed.

Kes 6.0E-8

Replenishment/starvation constant

Figure 20 NU 303 ECP bearing calculations

Selected calculations

Input parameters Frictional moment - power loss
Axial load
no 4340 r/min Bearing data
Rotational speed of the shaft washer
Operating temperature 60 °C
Bearing housing washer -
Viscosity calculation input type Viscosity input at 40 °C (VI is 95)
Viscosity at 40 °C TR
Lubrication il spot
Result R B
Designation 51103
d 17 mm
M, 15.8 Nmm a zo mm
. mm
.
Rolling frictional mement c 11.4 kN
Mg, 31.9 Nmm Co 21.2 kN
Sliding frictional moment Type Thrust ball
bearing
Mol 0 Nmm
Frictional moment of the seals View bearing details
Mdrag 0 Nmm Neta: The draving displayad is only for

Frictional moment of drag losses

47.8 Nmm
Total frictional moment
N, 2w
Power loss
Y 15.4 mm?/s
Lubricant viscosity at operating temperature
Myart 90.3 Nmm
Starting torque at 20-30°C ambient and zero speed.
Kes 6.0E-8

Replenishment/starvation constant

Figure 21 51103 bearing calculations
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SI Imperial

[E(]

Input parameters
putp Selected calculations

F. 20.4 kN
Axial load

Frictional mement - power loss
n; 2000 r/min

Rotational speed of the shaft washer

Operating temperature 60 °C
Bearing housing washer B
Bearing data

Viscosity calculation input type Viscosity input at 40 °C (VI is 95)
Viscosity at 40 °C 33 mm%/s
65mm
Lubrication Oil spot
Result
n 90 mm |
My 273.5 Nmm

i t
Rolling frictional moment Designation 51113

Mg 577 Nmm d 65 mm

Sliding frictional moment D 90 mm
H 18 mm
Mseal 0 Nmm c 37.7 kN
Frictional moment of the seals Co 108 kN
Type Thrust ball
Mdrag 0 Nmm bearing

Frictional moment of drag losses

View bearing details

M 850.5 Nmm
Total frictional moment

N: 180 W
Power loss

N 15.4 mm?/s
Lubricant viscosity at operating temperature

Matare 1662.8 Nmm
Starting torque at 20-30°C ambient and zero speed.

Krs 6.0E-3

Replenishment/starvation constant

Figure 22 51113 bearing calculations

Figure23 presents the bearing losses in Watt of all the clamping related bearingEignde

24 presentsthese losses as a percentage of transmitted power.

Disk speed vs Disk bearing losses for the optimised bearing configuration
for an input speed of 4400 rpm and total clamping force of 20400 N
T T T T

900

Concave disk ThrustBall-51113

800 Convex disk ThrustBall-51103 x 3

Convex disk CylindricalRoller-NU303ECP x 3
Convex Total

Total

700

600

Losses Watt
a
o
o

IS
=]
=]

1 1 1 1 1 1 1 1
1000 1500 2000 2500 3000 3500 4000 4500
Disk rpm

Figure 23 Clamping bearing losses in Watt
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Disk radius vs Disk bearing losses, as a percentage of transmitted power for the optimised
bearing configuration for an input speed of 4400 rpm and total clamping force of 20400 N
T T T T T T

Concave disk ThrustBall-51113

Convex disk ThrusiBall-51103 x 3
Convex disk CylindricalRoller-NU303ECP x 3| |
Convex Total
Total

Losses % of transmitted power

0 | | | | 1 T
40 60 80 100 120 140

RB:RC:Disk radius mm  Traction fluid: Santotrac 50

Figure 24 Clamping bearing losses as a % of transmitted power

It can thus be concluded that overall dislampingbearing losses, under the influence of
the clanping force is at a maximum of less tharb34 Note that when a smaller ratio range
is required, like in the case with AMT integration in secto® only a 3.16 ratio range is
required, correspoding toa minimum disk radiuef about R=R=45 mmand according to

Figure24 will reduce the total bearing losses to about 1.5%.

6.1.1 Clamping force advantages
The RADIALcvtonfiguration includesthe following two important clamping force

advantages.

U Clamping faoce utilization: As already mentioneéh section5.2, a unit of clamping
F2NOS adzZlIl2NIGa (G2 LI NIffSE FNAOOGAZY AyhS
thus in equal conditions the RADIALcvt should have 50% of thepiclgnbearing
losses.

U Clamping force locationThe RADIALcvt clamping force, bearing losses are only
associated with the RADIALcvt output, namely the Convex and Concave disks, while
the RADIALcvt input, the radial drivers, are in equilibrium as mentionesgdhon
4.3.5 Thus these bearing losses, for a given clamping force, are only a function of the

RADIALcvt output speed. This has the obvious low loss advantages in low output
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the input and output speeds of the respective CVT, thus for a given clamping force
the applicable speed for bearing loss calculation would be the average of the input

and output speeds.

6.2 Radial shaft bearing losses

As described in sectiod.3.5the radial shafts experience no radial load as a result of its
interaction though the two friction drive contacts as the tangential fercancel out. Thus

the bottom radial bearing experience the iatland axial force created in iis1 Zrol bevel

drive with the input shaftUsing the equatiorprovided by(TIMKEN, 2017he tangential
force and axial thrusof the Zrol gear is calculated and used as input in the bealosg
calculationsFor a total of 70 N.m input torque, resulting in 23.3 N.m per radial shaft, the
radial force on thebottom 6003deepgroove ball bearing is 1735 N and the axial force 446
N. Figure25 presents the losseas catulated by the online SKF bearing calculator. The loss
is only 22 Watt per bearing and thus a total of 66 Watt or about 0.2% if 30 kW is transmitted
and can thus be ignored for a first prototype analydiste that the radial shaft bearing

losses are loadependent.

17mm
1 4400 r/mir - -
Rotat peed of th .
Operating temperature é 4 ‘\ 1 |
Bearing outer ring | ’ 8,

Viscosity calculation input type scosity Input at 40 °C (VI Is 95

rrrrrrrr

Figure 25 Bottom radial driver bearing losses.
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7 Ratio shifting analysis

7.1 Geometry analysis

R

Fﬂormc eC ii GB
‘ \ FclampB
Fclampc \ T | w
Fnormg w

\ o > o

Disk C Radial driver A Disk B

Fﬂarc

parB

Figure 26 Radial driver force diagram

Figure26 presents the two force digrams on the radial driver as a result of thenvex disk
(B) and Concave disk (Bging clanped together by a force ckmps Which under normal
operating conditions is equal tockmpcresulting in line contact between the two disks and
the Radial drivert is assumed that theaormalforce (Fyasand Fag between the respective
disk and Radial driver act at tleentre of the contact line. Disk Bonvexangle is gand disk

C concave angle issand is currently taken as being equal.

The force Enir acts perpendicular to the radial driver axis and is the result of moving the
radial driver shaft in the direction ofyf during ratio shifting thusto a larger radius of R
and R.

The following relationships can be estishked from Figure 20 and above.
FparB= (FclampB"' Fsni)Sin( s) (RL)
FparC: (FclampC Fsnhir)Sin( o) (R2)

The difference betweenhe vertical components oFys and Fac provides the resultant
force shifting ks which will be exerted on the radial drivés move it to a different radial

ratio position. Thus from above

F= Fars€0S( B)GFparccOS( c) (R3)
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Combiningequation 1 to Jrovides

Fs=cos( g)(Feiampst Fsni)SIN( ) G €oS( ¢) (Riampe Fshi)sin( o) (R)

Figure 27 Radial shaft and driver

In order to shift, Eneeds to be larger thanyk, the friction force with friction coefficientu
between the radial driver and radial shaft created by the torquk€ing transmitted, added
to the friction force with friction coefficient {between the radial driver and radial shaft

created by Ei, thus:

Fric= T Me /Re+ it Ms (RS)

In order for the current ratio to be in equilibriumgHn equationR4 is set to zero and

solving for Eir, while noting that Eamp = Flamps Feamps=Clamping force across disksyes:
Fshit= Feramp[COS (' )Sin( o) - cos( g)sin( g)]/[ cos( g)sin( g)+cos( J)sin( o] (Ro)

From equationR6 is can be seen th&x is only zero if = g, thus if they differ i will

represent the force required to keeine RADIALcvt in the current ratio.

The radial driver also experiences a torggeafiound an axis perpendicular figure26 as a

result of the distance & and it is calculated by:

TD=0.5|%iff(FnormB + FnormC) (R7)

In terms of the clamping forces, equation R7 can be written as:
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To=0.5Ri(Feiampe£0S( &) + Fiamp&0S( Q) (R8)

Disk radius vs Shifting forces, for a applied axial shift force of Fshiﬂ= 2000 N for one radial driver
450 i i T T T

= FfricT: Torque friction force

—— FfricS: FShift friction force
ShiftRes: Radial reserve shift force | |

= 3. Radial applied shift force

400

350 - .,

Shifting forces N
[ (98]
a (=]
(=] (=]
T T
| |

s8]

o

o
T

|

150 -~ -

100
—

50 ! ! I I I I
40 60 80 100 120 140

RB:RC:Disk radius mm Traction fluid: Santotrac 50

Figure 28 Ratio shifting forces

Figure28 below present the ratio shifting parameters for the conditions presenteigure

8 to Figurel3with p; =p=0.05 It canbe seen that ShiftReds F;ic has positive values thus
the shifting force Eir=2000 N will be sufficiento overcame the friction ShiftRes thus
represents the force available to act on the two rolling friction drive contact interfaces, on
either sice of the radial driver, to move tb alarger radius/values ofgand R. The rate of

this radius change will be further investigated when experimental data is available, but

should be a function of clamping force and torque transmitted.

The moment §ascalculated from equation R8 might also have an effect pangd | as it
might tend to continually close the tolerance gap between the radial driver and radial shaft
on opposite sides in an axial direction of the radial drivedt @ill also be investigatewhen
experimental data is availableShifting friction force can be drastically reduced by
implementing ball splines between the radial shafts and the radial drivers. In this casé p
psWill represent rolling friction which is much lower than the abovalues of 0.0%or sliding

friction, but the additional cost penalty need to be considered.
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7.1.1 Alternative radial shaft and driver design

Figue 24 presents and alternativeaBial shaft andRadialdriver design in which s
drastically reduced as follav The Radial shaft is modified to include a Radial slot right
through its center including wider Roller slot at each sidelThe Radial driver is modified to
include a Roller pinmated at its endsm cavities in the Radial drivand secured by two
Secunmg pins. The Roller pin carries two Rollers that in operation roll along the Roller slots.
In this design the Rollers can béthe SKF RSTO type of support rolS&F, 1989)ith
integrated needle rolling bearing. In th&gure29 design the torque (Jis transmitted via the
Rollers and thus in this case presents rolling friction ini KS  w adedleSheapikg
together with the rolling friction of the Rollein the Roller sla, while in theFigure27 case

Mt presented sliding friction between two daces, thus drastically reducing the value of p
in the Figure29 design and thus reducing;ifas per equation R remains unchanged in
this desgn.

Radial
driver

Rollerslot

Roller pin Roller

Radial
shaft

Securing

pin e

Radial slot

Figure 29 Modified radial shaft and driver design

7.2 Total shifting torque and forces

The total torque Yon the variator and the ba#icrew shifting force ffor the sum of all the

radial drivers due to i is calculated & follows:
Vi= Fshit nrdl-rampK OH U (R9)

Fos= Vi/Roy (R10)
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Wheren,y = number of radial drivers
L.amp = the lead m/rev of the ramps on the casing on which the variator rides

R,v =the radius from the RADIALcvt input axis to the ball screw attachment

Sine Ry is constant Vi= 76 N.m and,s=381 Nare alsoconstant for the conditions in
Figure28. Note that as discussed in sectidrB, the normal force Q (directly related to the
clamping force), with currently is constant, need to be varied, for optimization purposes,
to allow a near constant input torque;.TThus if Q is not constant thennk will vary

accordingly. Above valuesasly given as an example to present the order of magnitude.

49| Page RADIALcvtDesignVerldbsx



8 First round of p rototype testing

A RADIALcvt prototype was manufactured aRdjure 30 presents the main variator
components The prototype was desigd according to the parameters in sectidhbut

capableof up to 100 N.m input torquedimited by the radial shaft Zerol bevel gears

Main
prototype ‘Vl

components

o’ All content copyright®© 2017 Varibox CVT Technologies - Unless Otherwise Stated.
L r allaLl ot All rights reserved

Figure 30 Prototype variator components

The disks were manufactured from EN36B5M13 steeland case hardened to GARC. It
was then hard machinednd finished with a diamond burnishirtgol to a surface finish of
0.15 um Ra for the convex disk and 0.175 um Ra for the concaveTtieke values are
within range of required values. S&ggurel4. The radial drivers were manufared from

Bohler S60Migh speed steednd hardened to 64 HRC.

The firstset of tests waperformed at the University of the Witwatersrand Johannesburg,
South Africa (WITS$n 3 October 2017The prototype being tested included the variator
components inFigure30 as well as a combining planetary gearing as presented in the

exploded view ofigure31 below.
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Figure 31 Prototype components including combining planetary gearing

Figure 32 RADIALcvt experimental setup
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The test setup is presented Figure32 where the (power source) VFD controlled AC motor,
on the right, is coupled to an input torque transducer which is couptethé input of the
RADIALcvt. The output of the RADIALcvt is coupled to an output torqueltrearsvhich is
coupled to a DC motor on the left. The DC motor output is coupled to a resistor bank while

its field is adjusted/excited to vary the load.

During esting the input speed and torque as well as output speed and torque were

measured at about 1 kHz.

Calibration of the torque transducers was performed by replacing the RADIALcvt with a
shaft, in above test setup, to match input and output torque as welinpsit and output

speed.

8.1 Test parameters

U All tesswere performed with 50 N.m input torque.

U Three set®f testswere done at input rpm of 1500, 2000 and 3000 respectively.

U For each test set, the ratio range was equally divided in 10 test pdiash test
point was logged for about 10 seconds resulting in aboudd® data pointdor each
test point.

U Temperature during the tests varied from 55 to°TL

U The traction fluid used was 3.8 litres of Santotrac 50. The resulting oil leted in
prototype was62 nm belowthe diskcentreaspresented inFigure33.

U Each test set included a data log of slowly reducing the ratio from therhigh to
low ratio with no load excitation on the DC motor. To account for the DC motor
spinning losse output power were subtracted from input power to result in the
spinning losses of the prototype.

U Throughout all tests ctaping force were constant at 209 N.
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292 mm dia

62mm

= Qil level

112 mm

Figure 33 Prototype oil level

2000 Prototype bearing loss vs Optimised bearing loss
T T T T T T

Prototype DeepGroove-61932 x 2
Concave disk ThrusBall-51113

1800 Convex CylindricalRollwe-NU303ECP x 3 T
Convex disk ThrustBall-51103 x 3

= == Optimised total

1600 [ = Adjustment total |

1400

]
(=1
o

Bearing loss Watt
® =)
o (=]
(=] o

@
o
(=}

400
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T 1 1 1
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Figure 34 Prototype vs optimised clamping bearing configuration.

U All test resuls, where applicable, also include the resuWith the replacement of
the 61932deep groove ball bearings (currently used in the prototype) with the
optimised bearing configuration (I&f ft SR | & aO2 YLIS§BwhichSRE 0 2
serve the purpose of acting as the clamping bearings supporting the clamping load.
Figure34 below presents the bearing losses in the prototype bearingth@dosses

in the optimised bearing configuratio.he losses ifrigure34 were calculated via
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the online SKF bearing calculat8KF, SKRs also presented in sectiof.l. A

sample calculation for the 61932 bearing is presenteigure35.

Input parameters
Bearing data

Fr 1 kN

Radial load

Fa 20.4 kN . 18mm _

Axial load

nj 1639 r/min |
Rotational speed of the inner ring

Operating temperature 60 °C - 220 mm -

Bearing outer ring

5 - - , . Designation 61932 MA
Viscosity calculation input type Viscosity input at 40 2C (VI is 95) d

160 mm
Viscosity at 40 °C 33 mm2/s D 220 mm
B 28 mm
C 92.3 kN
Lubrication 0il spot Co 98 kN
Type Deep groove ball
Result bearing
View bearing details
My 2501.2 Nmm

Rolling frictional moment

Mg 1976.5 Nmm -
sliding frictional moment variant.

Mseal 0 Nmm
Frictional moment of the seals

Mdrag 0 Nmm
Frictional moment of drag losses

M 4477.6 Nmm
Total frictional moment

Np 770 W

Power loss

v 15.4 mm2/s

Lubricant viscosity at operating temperature

Matart 5920.7 Nmm
Starting torque at 20-30°C ambient and zero speed.

[+ 6.0E-8
Replenishment/starvation constant

Figure 35 Sample calculation for 61932 bearing.

8.2 No load tests

Figure36 presents the no load, 100% clamgiforce, spinning tests for 1500, 2000 and 3000
input rpm respectively together with the optimised bearing configuration compensated

results.

Such no load tests, by measuring the power to spin the prototype with no load attached, are

very important for tre following reason.

The losses in the bearings supporting the clamping forces are included in this measurement.
These losses do not change when the transmission is under load conditions and thus load

independent in the absence of a loading cam, which iseaily the case.

54| Page RADIALcvtDesignVerldbsx



No load spinning losses at different input rpm
L T T T T

3 T T
= 1500rpm actual
— 2000rpm actual
== 3000rpm actual
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Ratio output/input

Figure 36 Actual prototype no load spinning test vs optimised clamping bearing configuration

(compensated) no load spinning tests.

8.3 Loaded test

Actual (measured) and compensated transmission efficiency
T T T
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Figure 37 Actual prototype efficiency vs optimised clamping bearing configuration

(compensated) efficiency.
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Figure37 include the efficiency results for the loaded tests for an input torque of 50 N.m or
about 50% of maximum prototype torque together for the compensatffitiency result,
generated by replacing the prototype dep groove ball bearings with the optimised bearing

configuration of sectios.1.

8.4 Test result conclusions

The following conclusions and observations can be made:

1. Above reslts clearly demonstrate the hugedvantage of the RADIALcvt in
O2YLI NRAazy G2 20KSNJ O2YYSNDALFE [/ +2¢Q& AY
lossesare only associated with the variator output (disk) speed while in commercial
CVT it is associated witlndé input and output speedsSee also sectio® for a
discussion.

2. The no load losses have a more or less linear relationship with the o(disk)
speed.

3. Note that 100% clamping force are maintained at all times eliminatingdsallic
O2y iNRf aeaidusSy la ¢Stf a | ft2FRAy3 OFY®D
control system and loading cam.

4. Referring toFigure36, if an input torque of 100 N.m is applied to the prototype and
input speed is at 3W0 rpm, the prototype will transmit31.4 kW and the
compensated spinning losses would amount to 1.15 kW (low ratio) to 1.45 kW(high
ratio) or 3.6% to 4.6% of transmitted power respectively. These losses include both
the clamping bearing losses, traction foad losses as well as oil churning losses.
Especially the oil churning losses should be further investigated in future work.

5. The replacement of the 61932 deep groove ball bearings with the optimised bearing
configuration is a must, since deep groove loaaring in general have very high
losses when loaded axially. Bebearings vere used in the prototype for simplicity
as the purpose of the first prototype was mainly to test the ratio shifting mechanism
and to serve as a proof of concept.

6. During testimg ratio adjustment was done manually. The ratio was easily adjusted
and did not present any problems. In future the torque to adjust the ratio will also

be measuredAt this stage it seems that the lubricated, hardened polished steel on
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steel interface beween the radial driver inner and radial shafts provides a low
enough coefficient of friction to allow for smooth ratio shifting. For the time being it
is therefore concluded that the use of ball splinedhr alternative Radial shaft and
Radial driver dagn as presented in sectioh1.1will not be needed and the current

low cost solution will be used.

— 1500rpm
50% Rated Torque @ 2000 RPM —— 2000rpm
= 3000rpm
95
2 /_
g 9 —
o
&= 85 /-
(NN
S 80 \
a
E 75
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|_
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Transmission Speed Ratio

Figure 11. Comparison of Over All Transmission Efficiency.

Figure 38 RADIALcvt efficiency superimposed on the results from (Mclndoe G. V., 2016)

7. The RADIALcvt loaded efficiency resultsFajure 37 are in line with recently
published results of a current in production CVT vs the Dana VariglidgMc\idloe
G. V., 2016)as presated in sectionl2, Figure74). This is very encouraging for
further RADIALcvt development, since the current RADIALcvt results are that of a
first prototype while both the current production CVT andra Variglide have been
in development for many years. As the simulation results of sectiordicate as
well as the fundamental advantages of the RADIALcvt, there is a lot of potential
efficiency improvement still to be unlked in the RADIALcvt configuratidrigure
38 presents the RADIALcvt efficiencyFadure37 superimposed on the results from
(MclIndoe G. V., 2016The orange line representise production CVT, the light blue
line the VariGlide and the red, black and darker blue lines the RADIALcvt efficiency.
Note that the RADIALcvt ratio range extends up to 0.6 to the righigafre38. Also
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note that the RADIALtvresult presents one mode of operation while the
production CVT and VariGlide presents two modes.

8. Above is supported by the number of fundamental advantages of the RADIALcvt, as
presented in this document, which sets it apart from all other developmestal
O2YYSNDALFE [/ +£¢Qa®

9. These tests also prove that all the drivers run at the same diameter and that the

ratio shifting mechanism operates successfully.

9 Second round of testson 30 January 2018

Following the results of the first round of tesas presentedn section8, the following

modification were made to the prototypfr the second round of tests

9.1 Dry sump

A dry sump oil system was implementedcluding a sump and 12 V,10 Watt miniature
gear pump, capable of 1 bar press, supplying oil via twaozzles. The nozzles are
integrated in the Variator structure bodws presented ifrigure39, to provide an oil stream
perpendicular to the respective disk at the base of the respective @isk centriugal forces
created by the spinning disks then force the oil in a radial direction to provide an oil film on

the whole traction drive surface of the disks.

Oil nozzles

Figure 39 Qil nozzle location

58| Page RADIALcvtDesignVerldbsx



Above oil system ensures that the oil I&eé the oil flowing into the sump is below the
perimeter of the disks and therefore eliminates the oil churning as was experienced with the

first round of tests when a very high oil level was used as discussed in s&ction

9.2 Thrust bearing implementation

In order to minimise the modifications to the existing prototype, 6#932Deep groove ball
bearings were replaced with similar sized thrust ball bearifggure40 presents these
51132 Thrust ball éarings.Figure40 can be compared t&igure31to comparethe current

bearing configurationo that of the First round of testing.

Bypass shaft ]

51132 Thrust ball
bearings

Figure 40 51132 Thrust ball bearing implementation

Figure 41 presents a sample calculation for the 51132 Thrust ball bearing with similar
conditions than the sample calculation for the 61932 Deep groove ball bearing as presented
in Figure35. By conparing the two sample calculations it can be seen that the power losses
in the 51132 thrust ball bearing are 770 Watt/280 Watt¥2times lower than the 61932

Deep groove ball bearing powérsses
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Bearing data

ED

Input parameters

F, 20.4 kN
160 mm
Axial load |' '|
n; 1639 r/min
Rotational speed of the shaft washer i )
[
Operating temperature 60 °C '
Bearing housing washer - 200 mm -
. . Lo ity i o (\T i \
Viscosity calculation input type Viscosity input at 40 °C (VI is 95) Designation 51132 M
Viscosity at 40 °C 33 mm2/s d 160 mm
' D 200 mm
B 31 mm
Lubrication Oil spot C 112 kN
Co 465 kN
Result Type Thrust ball
bearing
M,y 1031.4 Nmm View bearing details
Rolling frictional moment
Note: The d ayed is only for

Mgy 579.4 Nmm
Sliding frictional moment

general repr may not be

cted bearing variant.
Mceal 0 Nmm
Frictional moment of the seals

Marag 0 Nmm
Frictional moment of drag losses

M 1610.7 Nmm
Total frictional moment

N, 280 W
Power loss

E 15.4 mm?2/s

Lubricant viscosity at operating temperature

Motart 1734.4 Nmm
Starting torque at 20-30°C ambient and zerc speed.

Figure 41 Sample calculation for 51132 Thrust ball bearing.

With above changes implemented a second round of testing was performed with the

following test parameters.

9.3 Test parameters

0 All tests were performed by increasing the load from no load to 50 N.m and
thereafter up to the load whare more than 3% slipre experienced.

U Three sets of tests were done at input rpm of 1500, 2250 and 3000 respectively.

U For each test set, the ratio range was equally divided inati@d test points. Each
ratio test point was logged for abou®5 seconds redting in about25000 data
points for eaclratio test point.

U Temperature during the tests varied from 50 to’€%

U The traction fluid used was 2.3 litres of Santotrac 35A with the dry sump

configuration as discussed in secti®i.
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U Throughout all testghe clamping forcewas constant at 2000 N increased from

20400 in the first round of test

9.4 Testresults

RADIALcvt ratio vs efficiency
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Figure 42 Second round testing efficiency results

9.4.1 Transmission efficiency

Figure42 presents the transmission efficiency results. Note that the results with legend
*max torque 5670 N.mindicated the efficiency just before 3% slip was exceeded. The input
torque at these points varied between 50 to 70 Nfhese results are perior to a recently
tested commercial and developmental CVT as presentelignre 43 below, in terms of
maximumefficiencyvs the commercial CVT and in terms of consistent efficiency of the ratio

range vs the commercial and developmentallCV

Since the current tests were performed by gradually increasing the load, from no load
condition, to the maximum torque after which slip increased rapitiiys also logging
torque vs efficiencyThus for the different ratios the input torque transmission efficiency
are available and is presented kilgure44 to Figure46 for 1500, 2250 and 3000 input rpm

respectively.
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Figure 11. Comparison of Over All Transmission Efficiency.

Figure 43 Two mode belt CVT vs a two mode VariGlide (Mclndoe G. , 2016)

RADIALcvt Input torque vs Efficiency for input of 3000 rpm
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Figure 44 Input torque vs transmission efficiency for 3000 input rpm.
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RADIALcvt Input torque vs Efficiency for input of 2250 rpm
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Figure 45 Input torgue vs transmission efficiency for 2250 input rpm.
o RADIALcvt Input torque vs Efficiency for input of 1500 rpm
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Figure 46 Input torque vs transmission efficiency for 1500 input rpm.

The efficiency results ofigure44 to Figure46 compare well with published efficiency
results for a wet and dry DCT as presente&igure47 below and highlights the RADIALcvt

advantages at partial load/cityycle driving.
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FIGURE 5.29 Comparison of wet and dry DCT efficiencies. SOURCE: Baillie et al. (2014).

Figure 47 Comparison of wet and dry DCT efficiencies (Baillie, 2014)

9.4.2 Slip vs input torque

In the second round of tests an additional encoder was installed in line with the Bypass shaft
(seeFigure40). This encoder was used to measurement the Front (Concave) disk speed. By
using this together with the Output speed it is possible to calculate the slip on the Front
(Concave) disk and Rear (Convex) disfgure48 presents thelnput torque vs Front and

Rear disk slipDue to the predicted difference in torque capabilities between the Concave
and Convex disk (as presentedHFigurel?2) the gearing between the Fro@pncave) disk

and the combining planetary system were designed as such that the Front (Concave) disk
would carry 18% less tque that the Rear(Convex) digkote that the Rear(Convex) disk is

coupled directly to the combining planetary system.

Since the Femt and Rear disks are combined in the combining planetary system, a change in

slip on any disk will have an effect on the other disk slip.

From Figure48 is can be seen that when the Rear(Convex) disk slip started to increase
rapidly, this caused a drop in torque transmission, which then resulted in less slip on the
Front (Concave) disk. Ideally the sharp increase in slip (associated with the maximum

traction coefficient as presented Figure8) should @cur simultaneously in the two disks.
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Front disk slip % vs Input torque for input of 2250 rpm
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Rear disk slip % vs Input torque for input of 2250 rpm
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Figure 48 Front and Rear disk slip at 2250 input rpm

Therefore it can be concluded that above 18% torque compensation was too large and need

to be reduced. This can simply be done by clagghe teeth numbers on the gears

associated with the Bypass shaft.

If the Rear(Convex) disk slip eifjure48is compared to the right dfFigure8 (Convex disk)

then then slip range of between 1.5 to52 in Figure 48 before rapid slip increase
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corresponds with the maximum traction coefficient slip of the rightFagure8 (Convex

disk).

If the Front(Concave) disk slipeifyure48is compared to the left oFigure8 (Concave disk)

then it can be concluded that the maximum traction coefficient were not reached. Only
when a test is performed where the Front(Concave) slip start to rapidly increasecérst,
GKS adaftALl ONBIF{1lgleéeg LRAYL 6KAOK TF2fif2ga

established.

Thus in conclusion, the simulation predicted traction curves of the Rear(Convex) disk,

correlates well with the slip test results for the Rear(Convex) disk.

9.5 Conclusions

If the efficiency results of the First round of testing ($egure37) and theefficiencyresults
of the Second round of testing (séggure42) are compared then the following can be

conclided.

U By replacing the 61932 d@p groove ball bearings with the 51132 Thrust ball
bearings, the effect on the efficiency as predicted by the Compensated results in
Figure37 was achieved Of importance is thefficiency increasesawell as a much
more flat efficiency curve.

U The Second round of testing efficiency results were better than the compensated
results of the First round of testing and this might be attributed to the fact that the
Compensated results iRrigure37 did not include the reduction in oil leveffectas a
result of the dry sump implementation.

U The current Second round testing results are superior to that of a recently tested
typical commercial push belt CVFifure42 andFigure74 are compared.

U The input torque vs efficiency graphs, as presented Figure 44 to Figure 46
presents a very flaefficiencyprofile, which should be verpeneficially for partial
load conditions, for example in city cycles. Note that above results were obtained

with a constant clamping force, thus if for example input torque based loading
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cam/varying clamping force means implemented the lower torqueféiciencies will
improve significantly.

U Note also that the 51132 HhFust ball bearings are a complete overkill since the
clamping force is 24 kN while thedearings are capable (séegure41) of over 100
kN. Thus smaller beariagshould have less power loss. The current 51TB&ust
bearings were implemented with the aim of minimal changes in the current
prototype.

U The simulation predicted traction cues for the Rear(Convex) diskrrelates well

with the slip test results for th Rear(Convex) disk.

10 RADIALcvt E2 configuration

In a typical RADIALcvt with 2 speed AMT integrated, as presented in sdc3i@nthe
RADIALcvt variator will need to shift through its ratio range when the AMT changes speed,
which will lead to a power interruption and require some additional control. In order to
address above issue the integration of the RADIALcvt into theaed E transmission
configuration was investigated. A typicdl tBansmission configuration includes variator

with a ratio range of say B R.. In the First mode the Etransmissionvary its ratio while

the variator shifts from Rto Ry In this Frst mode of operation the input of the E2
transmission is coupled to the input of the variator and theput of the E transmission is
coupled to the output of the variator. Whenfs reached, the Hransmission shifts to its

Second mode as follows:

The input of the Etransmission is coupled to the output of the variator and the output of
the B transmis#on is coupled to the input of the variator. Bjoosingthe correct gearing,
above can be accomplish by dog clutches shifting across components with the same rotating

speeds while the overall ratio{Eansmission input versus output) stays constant.

After the E transmission is shiftedotthe $cond mode of operationthe variator can now
adjust its ratio from Rto R to complete the overall ratio rangélhus the lowers overall
ratio (B transmission input versus output) is created with the variatoRimnd First mode
selected, while the highest overall ratio is created with the variator also, ibuR with

Second mode selected.
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Note that the variator does not change its ratio when tHfarBnsmission changes frothe

First mode to the &ond mode andherefore eliminates the above issues related to 2
speed AMT integration while still having the effect of providing an overall ratio range of
(variator ratio rang€) Thus if the variator ratio range is 3.16 the overall ratio range of the E

transmission \ill be 3.16=10.

Figure49 and Figure50 represents the RADIALcvt, modified to serve asamnaBsmission.

Note that all components in yellow, going forward, refers to bearings, bushes, washers and
springs. The Etransmission input, referred to as the E2 input and in colour green, coupled
to the power source, extends through theé® Eansmission while the RADIALcvt input
consists of a hollow shatft, in black, around the E2 input, driving the Radial ahdftlivers,

also in black. The Radial drivers, drive the Convex and Concave disk, while the disks are
coupled to the Combining planetary system via the magenta coloured gearing. The
Combiningplanetarysystem cagethat serves as the RADIALcvt outputlight blue colour,

is in the form of a hollow shaft around the RADIALcvt infite Combining planetary
system includes a configuration, as typically found in automotive differentials, including two
bevel gears, coupled to the two disks (directly with thenvex disk and via gearing to the
Concave disk), with the bevel gears meshing with gpeler bevel gears whose shafts are
attached to the Combining planetary system cage, which serves as the output of the
RADIALcvtAbove components function according tbhe description of the RADIALcvt in
PCT patent application02017/143363(Naude, 2017)
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Figure 49 RADIALcvt in E2 configuration

Note that the bevel gears attached to the RADIALcvt input shaft nvatesthe bevel gears
attached to the Radial shafts from the right Bigure50 and thus the E2 input, RADIALcvt

output and input all rotate in the same direction.

The gear ratio of the gears in magenta colouFigure50, coupling the Concave disk to the
Combining planetary system can be chosen as such to compensate for the difference in

torque capacity between the Convex and Cave dsskresented in sectiof
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Figure 50 Sectional view of RADIALcvt in E2 configuration

Figure51 presents the introduction of an Intermediate shaft to realise the two modes of the

E? transmission. The ratios of the meshing gears are indicateslnaisig the gears on the
Intermediate shaft are driverkigure52 presents a sectional view of the right partffyure

51. By introducing the Intermediate shaft, the RADIALcvt output is extended viafa sha
attached to two meshing gear pairs (light blue components) to the RADIALcvt extended
output gear next to dog clutch A (red) on the E2 input shaft. The Intermediate shaft also
includes a freely rotatable hollow shaft, which serves as frteaBsmissioroutput, referred

to as E2 output with a gear in the middle and a Dog clutch B and C (red) on either side. The
RADIALcvt input is extended to the RADIALcvt extended input gear (black components),
which is freely rotatable around the Intermediate shaft. ligufe 38 above all the Dog
clutches are in the neutral position and does no coupled the E2 input or E2 output to any
other components. All dog clutches are similar to the dog clutches found in for example

manual and automated manual transmissions.
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Figure 52 Cross section of Intermediate shaft integration
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10.1 First mode of operation

Figure 53 First mode of operation

In the First modebf operation, Dog clutch A is shifted to the lefthigure52, as presented

in Figure53, and couples the E2 input to the RADIALcvt input in a 1:1 ratio. Dog clutch C is
shifted to the left to couple tB E2 output to the RADIALcvt output in allratio. The solid
black arrow indicate power flow from the E2 input to RADIALcvt input and the dashed black
arrow power flow from the RADIALcvt output to the E2 output. In this First mode the
RADIALcvt can shiftom its lowest ratio at pull away (largest Radial driver radinsthe

diskg to its highest ratio (smallest Radial driver radimsthe disk}.

When the RADIALcveached its highest ratio theeSond mode of operation, described

below, is engaged.

10.2 Semnd mode of operation

Dog clutch A is shifted to the far right to couple the E2 input to the RADIALcvt extended
output. Dog clutch C in shifted to the neutral position and Dog clutch B is shifted to the right
to couple the E2 output to the RADIALcvt exteddnput. Figure54 presents the power flow

after above 8cond mode selection.
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Figure 54 Second mode of operation

In the Second mode operation power thus flows from the E2 input to the RADIALcvt output
(solid black arrows) to the RADIALcvt input and then to the E2 oufgashed black
arrows) The RADIALcvt can now continue to shift to its lower ratio to complete the E

transmission ratio range.

10.3 First to Second mode synchronization

Assuming a RADIALcwtip range of 1:0.23 to 1:0.72 (ratio range 3.16) measured at the
RADIALcvt input versus the RADIALcvt output. Also assume the E2 input is rotating at a
positive (clockwise, viewed from the RADIALcvt directimom)stant 3000 rpmWith the
RADIALcvt ifits highest ratio and the Ftransmission in the iEst mode of operation the

speed of the following are calculated:
RADIALcvt output=E2 input x RADIALcvt ratio = 3000 x 0.72 = 2160 rpm
RADIALcvt extended output=RADIALcvt output X/((-0.72) = 3000 rpm

E2 atput = RADIALcvt output X1 =-2160 rpm
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RADIALcvt extended inputRADIALcvt input x0.72) = 3000 xQ.72) =2160 rpm

From above it can be seen that the E2 input and RADIALcvt extended output are both
rotating at 3000 rpmTherefore in shifting fronthe First to $cond mode, Dog clutch A will
couple E2 input and the RADIALcvt extended output which are already rotating at the same
speed. Therefore no speed synchronisation is needed as for example in a nmnual

automated manuatransmission.

Similarly E2 output and RADIALcvt extended input are also rotating at the saeed sp
(2160 rpm) thus in shifting from the First toeBond mode Dog clutch B can couple E2

output and RADIALcvt extended input without any speed synchronisation.

Due to above the shiftg of the respectie dog clutches, shifting from First tec®nd mode
of operation can be done extremefgst if compared to for example the dog clutch shifting
in automated manual and dual clutch transmissions in which speed synchronisation is

needed andvherethe components are not rotating at the same speed.

It should also be noted that the overall ratio (E2 input / E2output) remains consthen

shifting from First to &ond modeln all stepped transmission this is not the case.

Also note that thevarious ratios mentioned can be optimised for different applications.

Above is only given to serve as an example.

Also note that all gears used apeesented aspur and straight bevel gears and is only used
as examples. Tlyanay be changed for helical, sgirbevel and Zerol geats suite specific

applications

10.4 Hard geared low ratio

Launch control in commercial QY fresents a challenge as initial launch torque might
exceed themaximumtraction coefficient and can cause slip and damage in the traction
drive components. An example of such a launch situation is pulling away over a kers. The E
transmission allows for easy integration of sucthard geared low ratideature, which
bypasses the variatogs also described in PCT patent applicatd©2017/143363(Naude,

2017)
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Figure 55 presents the introduction of an idler Low ratio gear freely rotatable on the

Intermitted shaft andwhichis coupled to the gear meshing with the RADIALcvt extended
output via a Sprag or oneay clutch and which is driven by a gear on the E2 input shaft by a
1:-0.24 ratio which is fractionally higher in magnitude than the low ratio (0.23) of the
RADIALcvt.

Figure 55 Hard geared low gear integration

Whenever the RADIALcvt is in a ratio lower than 1:0.24, the Low ratio gear will tend to turn

faster than the gear it is coupled to via the Sprag and the Sprag will lock. With the Sprag
locked the power will flow via the red arrows kigure55 from the E2 input to E2 output

and therefore bypasses the RADIALcvt. The normal power path of the First mode, shown in
black dashed arrows will thus not be active. When the RADIALcvt ratio is above 1:0.24 the
Sprag will unlock and the black steed power path through the RADIALcvt will be active

while the red power path will be inactive. Above provides a hard geared ratio for pull away
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conditions by the addition of minimal components. With no limitation on the launch torque

(as is the case witthanual transmissions), automatic clutch control will be much easier.

10.5 Hard geared reverse mode

In order to generateeverse in the Etransmissionthe Low ratio gear and Sprag are utilised
in the following way to generate a hard geared reverse, also bypa#ise RADIALcvt, with

the same pull away benefits as thtard geared low ratio described in sectibd.4

As presented irrigure56 the RADIALcvt output includes a splined hollow shaft extension on
which a Reverse gear with mating splines, being axially slidable, is |dsatg€igure55). In

order to realise reverse, a Reverse idler gear is introduced, which meshes with the E2 output
gear. In order to select reverse, all thog clutches A to C are put in the neutral position
(their position inFigure52) and the Reverse gear is slided from its positiofrigure55, to

the left to its position inFigure56 whereit engages and meshes with tireverse idler gear.

The redarrows presentthe power flow during reverse engagement. Reverse drive thus

utilises the Hard geared low ratio gearing as well as the RADIALcvt extended output gearing.

Figure 56 Hard geared reverse

76| Page RADIALcvtDesignVerldbsx



Note that all the components on the Intermediate shaft always rotate in the same direction,
except when reverse is engaged and the E2 outpuatest in the opposite directionAlso
note that above configuration npvides a Hard geared reverse selection oniyth no

variable reverse ratio via the RADIALcVt.

If a variable reverse ratio, with ratio range equal to the First mode is desired, Dog clutch A
need to be shifted to the left to couple the E2 input to the R¥@Mt input. Such a
configuration would provide for a hard geared reverse for pull away purposes as well as a
variable reverse ratio via the RADIALcvt, in the same way as the functionthg bhrd

geared low ratio.

10.6 Mode selection mechanism

Mode selectiorin the E transmission is done via selector forks operatibmg clutches A to
C as well asdrersegear. The selector forks are similar to those found in manual and

automated manual transmissions.

Figure 57 Mode selector mechanism

The Dog clutch A to C selector forks are actuated via a Barrel cam system while Reverse
selector fork is driver operatedrigure57 presents the introduction of the selector forks and
Barrel cam system. The Barrel cam systengear driven by a position controlled Mode

selector motor. By rotating the Barrel cam system the selector forks are positioned to an all
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